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Abstract—The aim of this paper is to investigate the emission and performance characteristics of a commercial diesel engine
(Deutz FL8 413F) being operated on natural gas with pilot diesel ignition. A computer program has been developed to model the
experimental data using a chemical kinetic reaction mechanism of the Gas–Diesel (dual-fuel) combustion. A detailed chemical kinetic
reaction mechanisms of natural gas and NOx were used to predict the main combustion characteristics (temperature, pressure and
species concentrations) under the conditions of this study. The following sections include a description of the experimental facilities,
discussion of numerical simulation and engine test results. The performance in terms of accuracy of the networks is assessed by
comparison with the experiments. A reasonably good prediction of performance and emission was obtained by computation covering
the whole range of the engine operating conditions. It can be summarized that the results of this study are satisfactory.  2001
Éditions scientifiques et médicales Elsevier SAS

dual-fuel / natural gas / diesel engine / combustion / modeling / pollution

Nomenclature

A,B Wiebe model constants
A,b Arrhenius law coefficients
C production rate of species
Cs specific consumption . . . . . . . . . kg·kW−1·h−1

Cp mass-weighted specific heat . . . . . J·kg−1·K1

E activation energy . . . . . . . . . . . . J·mol−1

F equivalence ratio
h specific enthalpy . . . . . . . . . . . . J·kg−1

N engine speed . . . . . . . . . . . . . . rpm
ṁ mass flow rate . . . . . . . . . . . . . kg·s−1

P pressure . . . . . . . . . . . . . . . . Pa
Ps specific power . . . . . . . . . . . . . kW·L−1

Q cylinder heat loss . . . . . . . . . . . J·s−1

T temperature . . . . . . . . . . . . . . K
t time . . . . . . . . . . . . . . . . . . . s
u specific internal energy . . . . . . . . J·kg−1

V instantaneous cylinder volume . . . . m3

∗ Correspondence and reprints.
E-mail addresses: mansour@mail.univ-usto.dz (C. Mansour),

bounif@mail.univ-usto.dz (A. Bounif), arisaek@yahoo.com (A. Aris),
gaillard@cnrs-orleans.fr (F. Gaillard).

W molecular weight . . . . . . . . . . . kg·mol−1

Xb fuel burning rate
Y species mass fraction
�ϕ engine crank angle step
�t time step . . . . . . . . . . . . . . . . s
τ ignition time . . . . . . . . . . . . . . s
α,β, ν stoichiometric coefficients
ρ mass density . . . . . . . . . . . . . . kg·m−3

ω̇k molar production rate . . . . . . . . . mol·s−1

Subscripts

k kth species
c mean value during compression phase
a inlet air

1. INTRODUCTION AND BACKGROUND

The Environmental Protection Agency (EPA) will
place severe limits in exhaust emissions of heavy-duty
diesel engines for urban bus and highway truck applica-
tions [1]. These regulations (table I) demand consider-
able advances in technology to be made by heavy-duty
diesel engine manufacturers to ensure that their products
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TABLE I
United States EPA Clean Air Act Amendments [1].

Urban bus heavy-duty engine emission standards Heavy-duty truck engine emission standards
in g·kW−1·h−1 measured during EPA heavy-duty engine test in g·kW−1·h−1 measured during EPA heavy-duty engine test
Model year NOx HC CO PM Model year NOx HC CO PM

1990 8.0 1.7 20.7 0.804 1990 8.0 1.7 20.7 0.800
1991 6.7 1.7 20.7 0.335 1991 6.7 1.7 20.7 0.330
1993 6.7 1.7 20.7 0.134 1994 6.7 1.7 20.7 0.013
1994 6.7 1.7 20.7 0.070 1998 5.3 1.7 20.7 0.013
1998 5.4 1.7 20.7 0.067

will meet these regulations. There are several strategies
that may be employed to reduce emissions including fur-
ther refinement of treatment, particulate traps, and alter-
native fuels. Compressed natural gas (CNG) is an attrac-
tive alternative fuel for the urban bus market due to the
availability of space for tank placement and centralized
refueling infrastructure. In Algeria, the use of alterna-
tive fuels in particular natural gas has been identified as
a potential choice for engine design. The seven overall
research objectives are:

• identify the operating characteristics of CNG-fueled
conversions;

• determine the environmental effects of CNG conver-
sions;

• determine the cost effectiveness of using CNG as an
alternative fuel in city vehicles;

• identify maintenance concerns;

• examine infrastructure support;

• recommend “go or no go” decisions of conversion by
vehicle class type;

• disseminate project information of documented re-
search.

Numerous works have been published over the last
15 years (Karim [2], Al-himyari et al. [3], Quader [4],
Tasarek [5], Xianhua et al. [6], Boisvert et al. [7], Martin
et al. [8], Mills [9], Acker et al. [10], Kingston et al. [11],
Saturo et al. [12], Fraser et al. [13], Edwards et al. [14],
Doughty et al. [15] and Blizzard et al. [16], Bounif et
al. [17, 18]) where complex behaviors have been revealed
and many underlying combustion mechanisms which are
not well understood in the application of natural gas fuel-
ing to a diesel-type operating with a lean burn concept.
The understanding and modeling of turbulent combus-
tion in dual-fuel engines based on the combustion of liq-
uid and gaseous fuel is still a difficult and challenging
problem. Major difficulties generally arise from strong
coupling between turbulent and molecular transport phe-

nomena and chemical kinetics as well as from complex
geometry of engine chambers. The practical importance
attached to conception and optimization of these systems
in order to achieve higher performances while decreasing
the pollutant emission level. However, the interaction be-
tween fluid-turbulence and premixed or diffusion flames
is particularly difficult to study experimentally. Analyti-
cal theories for turbulent flames with complex chemistry
encounter even higher difficulties, especially when the
characteristic times scales of fluid-turbulence and chem-
ical reaction are the same order of magnitude. The tur-
bulent combustion progresses simultaneously under dif-
ferent regimes: wrinkled flame, thickened flame, distrib-
uted combustion and auto-ignition. The auto-ignition of
diesel fuel (DF) and natural gas (NG) following release
inside a turbulent oxidant of elevated temperature is con-
figuration relevant to diesel engine combustion [13] but
detailed understanding of the time and spatial location
of, and the subsequent flame development from, auto-
ignition sites is still lacking [2].

The performance of natural gas engines has been in-
vestigated with promising results. The emissions aspects
are less well investigated (Tesarek [5], Boisvert et al. [7],
Mills [9], Saturo et al. [12] and Doughty et al. [15]) but
preliminary results from testing are encouraging for the
particulate matter (PM) and NOx emission levels.

The objective of this work was to investigate the
emission and performance characteristics of a commer-
cial diesel engine (Deutz FL8 413F) being operated on
natural gas with pilot diesel ignition. The diesel en-
gine was converted to operate in a natural gas with
diesel pilot ignition mode and was evaluated for per-
formance and emission characteristics for both diesel
and natural gas operation. Furthermore, a numerical
simulation of the Gas–Diesel (dual-fuel) engine has
been carried out with a modified Perfect stirred Reac-
tor (PSR) Chemkins’ code [17–20]). During the com-
bustion phase, the range of pressure and temperature
experienced by the reactants drawn into the engine
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cylinder is particularly wide, all variables are contin-
ually changing in time, and consequently, the simula-
tion was non-trivial. The fuel conversion rates of nat-
ural gas–diesel fuel oxidation in all the experimental en-
gine conditions are determined from a simulation study
which takes into account a detailed kinetic model pre-
viously established by Tan et al. [21–23] and Dagaut et
al. [24] for natural gas and the Hautmann [25] model
for Diesel fuel. The following sections of this paper in-
clude a description of the experimental facilities, dis-
cussion of numerical simulation and engine test re-
sults.

2. AVAILABLE TECHNOLOGIES AND
DUAL-FUEL CONCEPT

Reciprocating internal combustion engines are gener-
ally divided in two categories, compression-ignition (CI)
and spark-ignition (SI) engines:

• In CI engines (diesel engines), air is compressed at
pressures and temperatures at which an easily ignitable
fuel fires spontaneously when injected and burns progres-
sively after ignition.

• Whereas, SI engines (Otto engines) running according
to the Beau de Rochas cycle, the carburated mixture of air
are and gaseous or gasified fuel which does not fire easily
(high octane index), is compressed under its ignition
point, then fired at a chosen instant, by an independent
means.

In dual-fuel engines both types of combustion coex-
ist together, a carburated mixture of air and high oc-
tane index gaseous fuel (natural gas) is compressed and
then fired by a small liquid fuel injection which ignites
spontaneously at the end of compression phase. The ad-
vantage of this type of engine resides in the fact that
it uses the difference of flammability of two fuels. In
case of lack of gaseous fuel, it is possible to run accord-
ing to the diesel cycle; switching being possible when
running and without load variation. The disadvantage is
the necessity to have liquid diesel fuel available. The-
oretically, the liquid fuel quantity necessary to fire is
tiny (less than 1 %), but, it is not possible to inject with
the given pump and injectors assemblies fuel quanti-
ties varying from 1 to 100 %. If we do not want the
material to be doubled, we must be satisfied by injec-
tion of the minimum possible quantity of standard diesel
fuel.

3. EXPERIMENTAL PERFORMANCE

The engine used in this study is a naturally aspirated,
V-8 Deutz FL8 413F four cycle diesel engine. The basic
engine characteristics of the test engine are summarized
in table II. Tables III and IV include information on
natural gas composition and the test fuel properties.

TABLE II
Test engine specifications.

Engine (four-cycle) Diesel FL8 413F
Cylinders 8
Combustion system Direct injection
Maximum engine speed at full load 2 500 rpm
Rated brake power 170 kW
Maximum brake torque at 1 500 rpm 735 Nm
Bore × stroke 125 × 130 mm
Compression ratio 18 : 1
Displacement 12 761 cc

TABLE III
Averaged composition of natural gas [59].

Composition Mass %
Nitrogen N2 6.26
Carbon dioxide CO2 0.19
Ethane C2 7.38
Propane C3 2.108
Iso-butane iC4 0.34
n-butane nC4 0.53
Iso-pentane iC5 0.09
n-pentane nC5 0.1
C6+ 0.002
Helium He 0.18
Methane CH4 82.82

TABLE IV
Test fuel properties.

Natural gas (NG)
Density at 1 atm and 15 ◦C 0.73727 kg·m−3

Compressibility factor 0.99785
Specific gravity (air= 1) 0.5910
Lower heating value

by volume 36.20 MJ·m−3

by mass 49.10 MJ·kg−1

Mean molecular weight 17.423
Stoichiometric air–fuel ratio 15.894
Hydrogen carbon ratio 3.87

Diesel fuel (DF)
Lower heating value 45.2 MJ·kg−1

Density 836 kg·m−3

Cetane number 62.2
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Figure 1. Synopsis of the experimental set-up.

The dual-fuel mode uses compressed natural gas
(CNG) as the primary fuel and small quantities of diesel
pilot-fuel for ignition. The bus is equipped with a dual-
fuel (combined use of diesel and CNG) DELTEC con-
version kit. The kit allowed for engine operation on ei-
ther 100 % diesel fuel or in a dual-fuel mode. In either
case, the engine started and idled on diesel mode. Thus,
engine starting and idling characteristics were identical
to unmodified engine. In the dual-fuel mode, natural gas
is introduced into the intake system, triggered by en-
gine speed. Timing and duration of the pilot injection
is performed by an electronically controlled hydraulic
DELTEC system. The ratio of diesel pilot to natural gas
is controlled by a metering valve, with diesel ratio (ra-
tio of calorific value of diesel fuel to total calorific of
fuels entering the combustion chamber) is kept approx-
imately constant over the entire load range with a fixed
metering valve position and CNG pressure. The natural
gas was introduced into the intake air stream. Gas flow is
measured by a fine wire anemometer and controlled using
a manual, variable area and fine control needle valve. En-
gine intake air was filtered and measured with a laminar
flow-meter. Diesel fuel flow rate is measured by two vol-
umetric flow-meters, connected to the inlet manifold of
the injection pump and to the outlet manifold. The flow-
meters are connected by two photodiode cells to a data
acquisition system.

The NUOVO-PIGNONE LPS 2000 chassis dynamo-
meter engine test (figure 1) was equipped with a digi-
tal readout of engine speed, torque and power. A strain
gage amplifier was placed in parallel to the dynamome-
ter strain gage and a frequency-to-voltage convector was
placed in series with the magnetic pick-up of the engine

Figure 2. Brake power and brake torque as a function of engine
speed for full load.

speed on the dynamometer. These modifications allowed
engine speed and torque to appear on the dynamometer
digital readout and to be simultaneously recorded by the
computer data acquisition system. Therefore, two types
of tests were performed in each measuring session, where
the emission and performance levels were measured on
a chassis dynamometer under steady and unsteady con-
ditions. The compression ratio has been kept unchanged
for the two versions engine test. Figure 2 represents the
evolution of full load brake power and brake torque in
function of the engine speed under unsteady conditions.
This corresponds to some phases of acceleration or of de-
celeration which the periods varies in mean from 1 to
10 s. Tests have been performed according to the DIN
70020 engine test Standard Norms. One observes a light
power and torque losses in dual fuel version with regard
to the diesel one, except around the speed of 2 400 rpm
when the regulating system stops the fuel injection pump.
This difference could be explained by the system re-
sponse time of natural gas injection in the admission col-
lector. When the engine speed rises up to 2 450 rpm, the
brake torque and the brake power in dual-fuel version are
slightly higher than in the diesel mode. Figure 3 shows
the evolution of the specific power and consumption ver-
sus engine speed for full load. One notices that at low
engine speed the difference is important between the two
versions (loss of power and higher consumption), but in
high regimes the gap becomes less important. The evalu-
ation of the specific consumption was based on the exper-
imental results of the brake power and the consumption
results under steady conditions. It was taken to be equal
to brake power divided by the total injected volume (pi-
lot diesel + natural gas volume in equivalent energetic).
Because fuel heating values are different for diesel fuel
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Figure 3. Brake specific fuel consumption and brake specific
power as a function of engine speed for full load.

Figure 4. Fuel–air equivalence ratio versus engine speed for
full load.

and natural gas. Figure 4 shows the equivalence ratio,
which is defined as the stoichiometric air-to-fuel mass ra-
tio, divided by the measured air-to-fuel ratio, versus en-
gine speed for full load for both diesel and natural gas
fueling. As shown, the natural gas fueling compared to
diesel fueling leads to slightly higher (less lean) equiva-
lence ratios for a given speed condition. This occurs for
two reasons. First, the natural gas is aspirated into the
engine where it mixes with air, thereby displacing some
portion of air, which could have moved into the cylin-
der. As less air is induced, the equivalence ratio increases.
Secondly, as load is decreased, the engine is less efficient
using natural gas hence more natural gas must be added
to produce the fixed load-speed condition. The increased
fueling then increases the equivalence ratio of the engine.

The cylinder gas pressure was measured using a piezo-
electric transducer inserted into water cooled adapter and
mounted in the main combustion chamber. It is connected

Figure 5. Cylinder pressure data for diesel and dual-fuel gas
fueling for full loads at 1000 rpm engine speed.

Figure 6. Cylinder pressure data for diesel and dual-fuel gas
fueling for full loads at 2000 rpm engine speed.

to a digital acquisition system (DAS 1401). An incre-
mental shaft encoder was coupled to the engine crank-
shaft to trigger the pressure data collection at one-half
crank angle increments. Figures 5 and 6 show the cylin-
der pressure data for diesel and dual fuel gas fueling for
full loads at 1 000 and 2 000 rpm engine speed. Figures
constructed with all recorded data were difficult to read
due to overlapping. Therefore, graphical representation
of the test data is given in the form of best-fit curves.
The cylinder pressure data measured with natural gas fu-
eling showed (figures 5 and 6) the second pressure peak
occurring between 7 and 15 crank angles (depending on
engine load and speed) after the corresponding pressure
peak for diesel fueling. The double hump showed on the
pressure trace, can be explained as the combustion of the
pilot diesel charge followed by the natural gas combus-
tion. The maximum combustion pressure for natural gas
fueling is slightly higher for all engine speeds than the
diesel fueling level. The general trend is governed by de-
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creasing pressure and temperature levels with increasing
speeds.

4. EMPIRICAL GAS–DIESEL (DUAL-FUEL)
COMBUSTION MODEL

The empirical Gas–Diesel engine simulation has been
carried out using the Wiebe model [26, 27] for different
speeds and air–fuel ratios, in order to determine the influ-
ence of each one of the two parameters on the maximum
temperature in the cylinder during the combustion cycle.
The temperature has a great effect on the NOx concen-
tration [11, 12, 15, 28]. The dilution air ratio is obtained
from an experimental investigation in the inlet and out-
let manifold of the diesel engine converted to dual-fuel
mode. The temperature variation is taken from the dis-
cretized equations of the temperature. From the first law
of thermodynamics [26], extended to a steady flow (per
step) case:

dmu

dt
= −p

dV

dt
+ dQ

dt
+

∑
hi

dmi

dt
(1)

m
du

dt
+ u

dm

dt
= dQ

dt
− p

dV

dt
+

∑
i

hi
dmi

dt
(2)

The specific internal energy (u) is function of the temper-
ature (T ) and composition (specified by the equivalence
ratio F ) of the gas, and is evaluated by using the ther-
mochemical database of Chemkin (the chemical kinet-
ics software from Sandia National Laboratories in USA
[18]). Dissociation (pressure effect on a gas properties) is
small and can be neglected. Thus, u = u(T ,F ), hence:

du

dt
=

(
∂u

∂T

)
F

dT

dt
+

(
∂u

∂F

)
T

dF

dt
(3)

The gas is assumed to be a perfect gas.

In addition, the heat transfer term (dQ/dt) can be
divided into two components:

(1) The convective heat transfer from gas to cylinder
wall (dQ/dt)cv, the convective heat transfer coefficient
in the cylinder is calculated from Woshni and Hohenberg
laws [31], and the change in wall temperature with time
is given by a predictor-corrector routine.

(2) The energy released by the fuel combustion,
during combustion in the cylinder only. The energy
content of the fuel is specified by its specific enthalpy of
formation (hfor) from its constituent elements at datum
identical to that of the property subroutine.

Thus, the energy change due to the combustion of the
fuel and heat transfer through the cylinder walls combine
to give:

dQ

dt
=

(
dQ

dt

)
cv

+ dmc

dt
hfor (4)

Substituting equations (3) and (4) into energy equa-
tion (2), gives:

m
∂u

∂T

dT

dt
+ m

∂u

∂F

dF

dt
+ u

dm

dt

=
(

dQ

dt

)
cv

+ dmc

dt
hfor − mrT

V

dV

dt
+

∑
i

hi
dmi

dt

It is convenient separate the energy inflows and outflows,
and express the equation in terms of dT/dt :

dT

dt
=

{[(
dQ

dt

)
cv

+ dmc

dt
hfor +

∑
i

hi

dmi

dt

]
1

m

− rT

V

dV

dt
− ∂u

∂F

dF

dt

}/
∂u

∂T
(5)

The cylinder temperature at the end of the step (T2) is
calculated from the initial value (T1) and the weighted
means of dT /dt , calculated using Adams–Bashford tech-
nique, from the current and the three previous steps. The
time step (�t) is correlated with the crank angle step
(�ϕ) of the engine by �t = �ϕ/6N .

Energy release schedules based on measured cylinder
pressure as a function of crank angle were calculated
using a one-zone thermodynamic analysis of the trapped
cylinder diesel fuel–natural gas mixture. The analysis
assumes uniform time varying thermodynamic properties
in the engine and the energy release rate is calculated
according the first law of thermodynamics for a single
combustion zone as proposed by Heywood [26]. The
diesel fuel burning rate is non-dimensionalised over the
total mass of fuel delivered from the fuel pump per
engine cycle per cylinder. A non-dimensional time is
also introduced by defining an arbitrary total combustion
duration of (�ϕT ) crank angle degrees from ignition to
the end of burning. Actual crank angle is converted to
non-dimensional time (ϕ∗ ) by:

ϕ∗ = ϕ − ϕ0

�ϕT

(6)

The Wiebe model has been used for the fuel burning rate,
as:

dXb

dϕ
= 1

�ϕT

ABϕ∗B−1
e−Aϕ∗B

(7)
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TABLE V
The constants of the Wiebe model for natural gas combustion.

N ≤ 1500 rpm N ≤ 1 500 rpm N ≤ 1 500 rpm N ≥ 1 500 rpm N ≥ 1 500 rpm N ≥ 1 500 rpm
low BMEP ≤ 6.6 medium BMEP high BMEP ≥ 12 low BMEP ≤ 6.6 medium BMEP high BMEP ≥ 12

A 3.82 5.05 6.67 3.95 4.67 5.52
B 1.87 1.412 1.07 2.06 2.67 3.45

�tT (ms) 9.33 6.65 4.75 3.22 2.81 2.46
�tT : global combustion time �tT = �ϕT /6N.

The ignition point and ignition delay for diesel fuel
are calculated from the dynamic injection point predic-
tion (data) and an empirical correlation for ignition de-
lay. Full details of the Wiebe model for natural gas com-
bustion and the constants model used in this report have
been estimated from the experimental study of the Diesel
engine converted to spark ignition operation fueled with
natural gas investigated previously [27]. Three combus-
tion correlation options are available (table V). They can
be selected by specifying the value of the brake mean
effective pressure (BMEP) for low, medium and high
BMEP. The ignition delay was defined as the time at
which [O] × [CO] is maximum. Its value for the diesel
fuel-natural gas mixture was computed by the sensitivity
kinetics analysis (SENKIN) Chemkins’ code [29, 30] for
the engine conditions. A first estimate of ignition delay of
the diesel fuel is modeled with Ahmed correlation [27]:

τ = 9.426

[
N

1000

]−0.94[
Ta

300

]−2.89

P−0.482
c exp

(
877.5

Tc

)

(8)

where Tc and Pc are respectively the mean gas temper-
ature and the pressure during the engine compression
phase.

5. GAS–DIESEL REACTION MECHANISM

Numerical modeling has become an essential part of
combustion research for a better prediction of perfor-
mances and emissions of many combustion systems. In
combustion models, the importance of chemical kinet-
ics has increased continuously. It has been proved, in
fact, that a good representation of chemistry interactions
is essential for predictive capabilities of numerical mod-
els. Moreover, the validity domain of a given model and
its chemical kinetic sub-model in terms of temperature,
pressure and equivalence ratio has to be large enough
in order to include the wide range of operating condi-
tions of many combustion systems. This is particularly

true for the simultaneous prediction of carbon monox-
ide and unburned hydrocarbons, which are intermediate
products of combustion in engines mainly formed at low
ratings, and of nitrogen oxides, which are mostly pro-
duced at high temperature. Numerous studies in the field
of chemical kinetics have been done in the past, leading
to the conception of reaction mechanisms with growing
complexity to describe the oxidation of a great variety of
fuels. However, the models used for the combustion are
restricted to single-step empirical expressions or global
multistep schemes [17, 18]. The validity of such a quasi-
global mechanism cannot be extended to the whole range
of operating conditions of an engine, particularly at high
pressure. The reaction mechanism of the oxidation of the
natural gas used in the present work has been partially
published previously [21–24]. It consists of 493 reactions
among 81 species. The combustion under diesel engine
conditions was modeled using the modified computer
codes PSR (Perfect Stirred Reactor) developed at Sandia
to by Kee and co-workers [19]. The transport properties
and thermochemical quantities from the Sandia data were
also used [20]. We have used the Burcat thermochemical
data [32] for the compounds not found in the chemkin
data base. The elementary reaction of the mechanism is
written using the following formula:

n∑
i=1

αij Xi =
n∑

i=1

βij Xi (9)

where αij and βij are the stoichiometric coefficient of
species i in reaction j , for the reactants and products,
respectively. The species conservation equation is given
by [27]

ρV
dYk

dt
= −ṁ

(
Yk − Y ∗

k

) + ω̇kWkV (10)

The mass density ρ is calculated from the ideal gas equa-
tion of state: ρ = P 
W/(RT ) where 
W is the mixture’s
mean molecular weight and (*) indicates the inlet condi-
tions.
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The energy equation in terms of temperature rather
than enthalpy is stated as

Cp
dT

dt
= ṁ

ρV

K∑
k=1

Y ∗
k (h∗

k − hk) −
K∑

k=1

hkω̇kWk

ρ

− 1

ρV

(
dQ

dt
− p

dV

dt

)
(11)

It is often interesting to determine how each reaction
contributes to the production or destruction of species,
the molar production of species is given by

ω̇k =
I∑

i=1

νkiqi (12)

where νki are the stoichiometric coefficients and qi are
the rate of progress variables for the i reactions. The
contribution to the rate production of species k for
reaction i is therefore simply Cki = νkiqi . These rates
are computed from kinetic scheme and the rate constants
of the elementary reactions using the modified Arrhenius
equation:

k = AT b exp

(
− E

RT

)
(13)

The normalized production and destruction values are
given respectively by


C p
ki = max(νki ,0)qi∑I

i=1 max(νki,0)qi

(14a)


Cd
ki = min(νki,0)qi∑I

i=1 min(νki,0)qi

(14b)

Thus both sums:
∑I

i=1

C p

ki = 1 and
∑I

i=1

Cd

ki = 1.

A detailed kinetic mechanism can be used to describe
the oxidation of natural gas, but such detailed mecha-
nisms are not known for higher hydrocarbons.

A description of the fuel kinetics is important, not only
for predicting the amount of unburned fuel, but also to
predict the species concentrations which participate in
both the combustion and the pollutant species reactions.
Although the carbon monoxide and nitric oxide kinetics
are fairly well understood. When a detailed mechanism of
fuel combustion kinetics is not available, some approxi-
mation are required to obtain estimates of these concen-
trations for calculating carbon monoxide and nitrogen ox-
ide emissions. The reaction that represents the diesel fuel
(DF) C15H32 was taken from the quasi-global model of
Hautmann et al. [25], given as follows:

1. CnH2n+2 = (n/2) C2H4 + H2
2. C2H4 + O2 = 2 CO + 2 H2
3. CO + 1

2 O2 = CO
4. H2 + 1

2 O2 = H2O

This approach, termed quasi-global model, has been
applied with some success to model energy-release rates
for combustion of several hydrocarbon fuels [25, 33].

Nitric oxide and nitrogen dioxide are the major oxide
of nitrogen emitted from combustion process. The sum
of these species is reported as NOx . In combustion, nitric
oxide is the major component and NO2 is formed from
NO. Consequently models of NOx kinetics focus on the
formation of NO; this is sufficient except in cases where
the NO/NO2 ratio is required. Nitric oxide can be formed
in the following way:

• from reactions of N2 with oxygen “thermal NO”;

• from nitrogen containing fuel compounds “fuel NO”;

• from reactions of fuel-derived radicals with N2 which
ultimately lead to NO “prompt NO”.

Thermal NO is formed via the extended Zeldovich
mechanism [34, 35]. The steps in this mechanism may
play an important role in all three paths to NO. The ki-
netics of thermal nitrogen fixation are well established
[34, 35, 37, 38, 41, 42, 47, 50, 53]. Difficulties and ap-
proximations associated with use of these kinetics lies in
the coupling of the NO reactions to the detailed kinet-
ics schemes for hydrocarbon combustion. Models of ni-
tric oxide formation from fuel nitrogen are limited due
to the complexity of chemical steps through which the
chemically-bound nitrogen passes. Because this nitro-
gen is bonded to the other fuel elements, a model for
the reactions of this nitrogen will be just one portion
of a detailed fuel combustion model [36–39]. A tenta-
tive mechanism, with estimated rate constants was pro-
posed in several recent investigations [38, 40–44, 50,
51, 53, 55], the detailed models of prompt NO kinetics
have not been established as yet. Because the amounts
of prompt NO are small compared to other sources of
NO [41, 42, 51] and prompt NO seems to occur mainly
in rich flames [36, 44, 46]. There has been little interest
in modeling the kinetics of prompt NO. Further quanti-
ties of prompt NO can be formed, due to radical over-
shoot, CN reactions or temperature fluctuations [41, 47].
Fenimore [40, 44] suggested that prompt NO might be
due to reaction of fuel fragments with N2 such as reac-
tions 67–70 (table VI). The detailed chemistry calcula-
tion used in this study is an updated version developed
from the original model by Kilpinen et al. [42]. The com-
plete mechanism consists of 79 reactions given in ta-
ble VI, and is specified and handled via chemical-kinetics
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TABLE VI
Detailed chemical kinetic reaction mechanism of oxides of nitrogen (NOx ).

Reactions A b E Reactions A b E

1. N2H2+M=NNH+H+M 5.00E+16 0.0 50 000.0 41. N2O+O=N2+O2 1.00E+14 0.0 28 200.0
2. N2H2+H=NNH+H2 5.00E+13 0.0 1 000.0 42. HCN+O=CN+OH 1.38E+06 2.1 6 121.0
3. NNH+M=N2+H+M 2.00E+14 0.0 20 000.0 43. HCN+O=NCO+H 1.40E+04 2.6 4 980.0
4. NNH+H=N2+H2 3.70E+13 0.0 3 000.0 44. HCN+O=NH+CO 3.50E+03 2.6 4 980.0
5. NNH+NO=N2+HNO 5.00E+13 0.0 0.0 45. HCN+OH=CN+H2O 1.50E+13 0.0 10 929.0
6. NH3+M=NH2+H+M 1.40E+16 0.0 90 600.0 46. HCN+OH=HOCN+H 9.20E+12 0.0 15 000.0
7. NH3+H=NH2+H2 7.00E+06 2.4 10 171.0 47. HCN+OH=HNCO+H 4.80E+11 0.0 11 000.0
8. NH3+O=NH2+OH 2.10E+13 0.0 9 000.0 48. HCN+CN=C2N2+H 2.00E+13 0.0 0.0
9. NH3+OH=NH2+H2O 2.04E+06 2.0 566.0 49. CN+O=CO+N 1.02E+13 0.0 0.0

10. NH2+H=NH+H2 6.02E+12 0.0 0.0 50. CN+OH=NCO+H 5.00E+13 0.0 0.0
11. NH2+O=NH+OH 6.90E+11 0.4 −201.0 51. CN+H2 =HCN+H 1.81E+14 0.0 7 962.0
12. NH2+O=HNO+H 8.94E+14 −0.5 326.0 52. CN+O2 =NCO+O 5.60E+12 0.0 0.0
13. NH2+OH=NH+H2O 4.33E+05 1.7 0.0 53. CN+NO2 =NCO+NO 3.00E+13 0.0 0.0
14. NH2+N=N2+H+H 7.20E+13 0.0 0.0 54. CN+N2O=NCO+N2 1.00E+13 0.0 0.0
15. NH2+NH=N2H2+H 5.00E+13 0.0 0.0 55. NCO+M=N+CO+M 3.10E+16 −0.5 48 000.0
16. NH2+NO=NNH+OH 8.80E+15 −1.3 0.0 56. NCO+H=NH+CO 5.00E+13 0.0 0.0
17. NH2+NO=N2+H2O 3.80E+15 −1.3 0.0 57. NCO+O=NO+CO 4.21E+13 0.0 0.0
18. NH+H=N+H2 3.00E+13 0.0 0.0 58. NCO+OH=NO+CO+H 1.00E+13 0.0 0.0
19. NH+O=NO+H 2.00E+13 0.0 0.0 59. NCO+H2 =HNCO+H 8.60E+12 0.0 9 000.0
20. NH+OH=HNO+H 2.00E+13 0.0 0.0 60. NCO+N=N2+CO 2.00E+13 0.0 0.0
21. NH+OH=N+H2O 5.00E+11 0.5 2 000.0 61. NCO+NO=N2O+CO 1.00E+13 0.0 −390.0
22. NH+O2 =HNO+O 1.00E+13 0.0 12 000.0 62. HOCN+H=HNCO+H 1.00E+13 0.0 0.0
23. NH+O2 =NO+OH 1.40E+11 0.0 2 000.0 63. HCNO+H⇒ HCN+OH 5.00E+13 0.0 12 000.0
24. NH+NO=N2O+H 8.00E+13 0.0 14 800.0 64. HNCO+H=NH2+CO 2.00E+13 0.0 3 000.0
25. NH+N=N2+H 3.00E+13 0.0 0.0 65. C2N2+O=NCO+CN 4.60E+12 0.0 8 880.0
26. N+O2 =NO+O 6.40E+09 1.0 6 280.0 66. C2N2+OH=HOCN+CN 1.90E+11 0.0 2 900.0
27. N+OH=NO+H 3.21E+13 −0.3 0.0 67. C+NO=CN+O 1.00E+14 0.0 0.0
28. N+NO=N2+O 3.30E+12 0.3 0.0 68. C+N2O=CN+NO 1.00E+13 0.0 0.0
39. NO+HO2 =NO2+OH 1.90E+11 0.0 3 400.0 69. CH+NO=HCN+O 1.10E+14 0.0 0.0
30. NO2+M=NO+O+M 5.00E+13 0.0 0.0 70. CH+N2 =HCN+N 2.50E+11 0.0 13 600.0
31. NO2+H=NO+OH 2.10E+12 0.0 −480.0 71. CH+NH2 =HCN+H+H 3.00E+13 0.0 0.0
32. NO2+O=NO+O2 1.10E+16 0.0 66 000.0 72. CH+NH=HCN+H 5.00E+13 0.0 0.0
33. HNO+M=H+NO+M 3.50E+14 0.0 1 500.0 73. CH+N=CN+H 1.30E+13 0.0 0.0
34. HNO+H=H2+NO 1.00E+13 0.0 600.0 74. CH2+NO⇒ HCNO+H 1.40E+12 0.0 −1 100.0
35. HNO+OH=NO+H2O 1.50E+16 0.0 48 680.0 75. CH2+N2 =HCN+NH 1.00E+13 0.0 74 000.0
36. N2O+M=N2+O+M 5.00E+12 0.0 0.0 76. CH2+NH=HCN+H+H 3.00E+13 0.0 0.0
37. N2O+H=N2+OH 3.60E+13 0.0 0.0 77. CH2+N=HCN+H 5.00E+13 0.0 0.0
38. N2O+O=NO+NO 1.60E+14 0.0 51 600.0 78. CH3+N=HCN+H+H 5.00E+13 0.0 0.0
39. N+CO2 =NO+CO 7.60E+13 0.0 15 200.0 79. CH4+N=NH+CH3 1.00E+13 0.0 24 000.0
40. N+HCCO=HCN+CO 1.00E+14 0.0 28 200.0

package Chemkin [24]. The NOx formation mechanism
may be summarized schematically by figure 7. The prin-
cipal nitrogen-containing pollutants emitted by combus-
tion devices are NO and NO2. However, in discussion
of the chemistry of nitrogen oxides [49–53, 56], it is no-
ticed that nitrogen-containing compound (e.g., HCN, CN,
NHi , lower amine RNH2, and various nitrates and ni-
trites and nitro-olefins) were formed during combustion

of hydrocarbon fuels. The kinetic scheme requires some
approximations because the detailed mechanism for re-
actions of species such as NH, NH2, CN, NCO, etc. is
not fully known, and rate constants for most of the estab-
lished reactions are estimates or taken from experimen-
tal values with large uncertainties. For the most part, the
concentration of these species in the exhaust gas are small
(< 1 ppm) [51, 52, 56]. Most of the data are taken from
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Figure 7. Summary of the principal NOx formation and destruc-
tion kinetics [38].

Kilpinen et al. [42], Clarborg et al. [51], Kristensen et
al. [53] and Alzueta et al. [55]. The reaction rate of kk

for kth reaction is given by kk = AT b exp(−E/RT ),
with the activation energy E in cal·mol−1 and R is the
universal gas constant and the pre-exponential factor A

in mol-cm-s-K. NO formed during combustion can sub-
sequently react with nitrogen-containing intermediates
to form N2, NO also may react with various oxygen-
containing species to form NO2. Nitrogen dioxide con-
centrations are generally negligibly small compared to
NO concentrations [45, 50, 52, 53]. Relatively large con-
centration of NO2 can be formed in the combustion zone
inside the engine cylinder, followed by subsequent con-
version of the NO2 back to NO in the post-flame region
(in burnout process). NO2 is thus generally considered to
be a transient intermediate species, which only exists at
flame conditions [49, 50, 52, 54, 55]. Rapid mixing of hot
and cold regions of the turbulent reacting flows can result
in a rapid quenching of the NO2, followed by subsequent
emission in the exhaust gases [44, 46, 47].

6. SEQUENCE OF THE SIMULATION
ALGORITHM

“Divide and conquer” is an often-used strategy to
tackle complex problems. In its application to the cur-
rent one, the division is between main heat-releasing and
species-producing reactions and the pollutant formation
and destruction kinetics. In essence, the technique con-
sists in calculating the energy release rate and tempera-
ture is based on measured cylinder pressure as a function
of crank angle according the first law of thermodynamics
for a single combustion zone. Then, the chemical system
is integrated over the time using the cylinder composition
and temperature. A stiff-system solver (namely, the well-
known LSODE routine [29, 30]) is used for this integra-

tion. At the end of time-step, a new composition, temper-
ature and pressure are obtained. The method is of course
CPU-time intensive, but it makes the task just manage-
able. The numerical model calculates in discrete crank
angle incremental steps from bottom dead center (BDC)
at the start of the compression stroke, through compres-
sion, combustion and expansion to BDC, and at the end
of expansion stroke. Variation of valve timing, from BDC
and TDC (top dead center) are not directly considered,
other than by calculating the volume of fresh air-natural
gas entering the cylinder from experimental data that is
valve timing dependent. Conditions in the cylinder are
assumed to be known, the homogeneous mixture of air
and combustion products (of varying composition), be-
having as a perfect gas. Calculations for a specified crank
angle step consist of applying the energy equation (from
the first law of thermodynamics), hence relating the heat
transfer rate to the work transfer rate (the piston work)
to the change of internal energy of the gas mixture. Heat
transfer to or from the gas is also calculated. Combustion,
when appropriate, is calculated from the rate at which the
fuel is burned (from Wiebe model). This calculates the
rate of fuel burning by combustion as a function of en-
gine speed, and the equivalence ratio (F ) calculated from
the total mass of fuel and air in the cylinder. This is linked
to energy transfer by formation enthalpy of the fuel mix-
ture. During the combustion phase, the temperature cal-
culated using the Wiebe model, is used for solving the
temperature-fixed problem by the PSR code, whose solu-
tions serve as the first iterate for the solution of the full
problem including the coupled energy-species equation.
The normalized rate of destruction values 
Cd

ki for species
destruction are determined for hydrocarbon species (fig-
ure 12). The new Wiebe model constants are computed
from 
Cd

ki values (equation (14b)). The work transfer rate
(work done by the piston) is calculated by integrating the
cylinder pressure and the change in cylinder volume dur-
ing the step (this is assumed for each step to calculate to-
tal work done per engine cycle and hence torque output).
The change of cylinder volume with crank angle is cal-
culated from the piston crank geometry. In-cylinder mix-
ture mass is calculated from conservation of mass. This
is constant except during combustion, when diesel fuel is
considered to be added at a rate equal to the fuel burning
rate. A predictor–corrector routine is used to iterate until
converged solution per step is obtained.

7. SIMULATION RESULTS

The computation program was used in conjunction
with the experimental data and provided a means for fur-
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Figure 8. Predicted cylinder pressure, temperature and rate of
heat production evolution results for 1000 rpm engine speed
and 0.7 fuel–air equivalence ratio at full load.

Figure 9. Predicted molecular species profiles obtained for
dual-fuel mode operation for 1000 rpm engine speed and 0.7
fuel–air equivalence ratio at full load.

ther investigation of trends established through experi-
ments. A computational study has been undertaken and
the results presented are plausible, showing reasonable
agreement with some experimental engine data. It is clear
that the diesel fuel burns first, providing the energy re-
quired to ignite the lean gas mixture (natural gas–air).
Figures 8–11 show the results of the dual-fuel combus-
tion simulation with natural gas as fuel. Figures 8 and 10
represent the pressure, the temperature and the heat pro-
duction rate evolution in the cylinder during the (com-
pression, combustion and expansion) phases of the cycle
for two engine speeds 1 000 and 2 000 rpm for a static
advance with respect to the injection system of 28 crank
angle degrees bTDC (before top dead center). One no-
tices that a displacement of the maximal peaks sizes after
TDC (top dead center) occurs with the increase of the en-
gine speed, in spite of the centrifugal correction of the
injection system for the dynamic advance, which is re-
lated to the engine speed. These results are qualitatively
consistent with the experimental engine results presented

Figure 10. Predicted cylinder pressure, temperature and rate of
heat production results for 2000 rpm engine speed and 0.58
fuel–air equivalence ratio at full load.

Figure 11. Predicted molecular species profiles obtained for
dual-fuel mode operation for 2000 rpm engine speed and 0.58
fuel–air equivalence ratio at full load.

Figure 12. The computed profiles of normalized rate of
destruction values 
Cd

ki for hydrocarbon species with engine
speed at full load for dual-fuel mode.

in figures 5 and 6. This remark is due essentially to the
induction time of the auto-ignition reaction of the fuel in
a very lean mixture.
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Experimental pressure data (figures 5 and 6) shows
similar dual pressure peak traces. Computed results pre-
dict with reasonable accuracy the main combustion char-
acteristics (pressure and concentrations species) under
the all conditions of this study. The controlling steps of
the dual-fuel combustion are then identified using com-
putational results. Good prediction is observed in fig-
ures 5–8 and figures 6–10 for cylinder pressure data.
For nearly all cases, reasonably unbiased errors are lo-
cated within [−5 %, +5 %] for pressure. Figures 8–10
show the temperature and heat release rates, as calcu-
lated from PSR code, versus crank angle. Overall, the
two parameters can be described as having dual peaks
(much less pronounced for the heat release rate), a char-
acteristic that is similar to measured and predicted pres-
sure. The early peak occurs as a result of the rapid com-
bustion of the diesel fuel during the natural gas igni-
tion delay period. The second energy release period oc-
curs as a result of natural gas combustion. The dual peak
characteristic has been reported in some studies by Kak-
wani et al. [57] and Hsu [58]. The range of pressure and
temperature experienced by the reactants (mixture fuel–
natural gas–air) drawn into the cylinder is particularly
wide, hence a very extensive variety of chemical reac-
tions taking place.

The characteristic chemical time of natural gas oxi-
dation, has been defined from the computed concentra-
tion profiles as the time delay of the trapped cylinder gas
after auto-ignition fuel period as estimated by Fraser et
al. [13]. Concentration profiles of major products (car-
bon monoxide, carbon dioxide, methane, oxides of ni-
trogen and diesel fuel) are deduced from a simulation
work taking into account two-time step detailed kinetic
model. At high engine speed, during the first stage of
the reaction when the fuel and oxygen are consumed at
a wide rate, C2H4 and C2H6 are formed in appreciable
amount (the fuel auto-ignition period is less than 0.5 ms).
The rank ordering of the reaction rates indicates that the
most important path is the Hautmann reaction mecha-
nism. At high temperature in engine speeds range less
than 1500 rpm (the fuel auto-ignition delay is more than
0.75 ms as show in figure 9). Auto-ignition appears as
a single-stage flame and the induction period decreases
with pressure (figure 9).

The predicted NO mass fraction by the complete
mechanism decreases as the engine speed in full load
increases. This result can be attributed to the increase of
the NO reactivity due to increase of reaction pressure and
temperature with time (figures 9 and 11).

TABLE VII
The new computed constants of the Wiebe model for dual

fuel combustion at full load condition.

N (rpm) 1 000 1 500 2 000 2 500
A 2.916 2.17 3.22 5.74
B 1.92 2.066 2.27 3.45

�tT (ms) 13.88 8.75 6.22 5.46

8. EMISSION RESULTS

Emissions of total hydrocarbons (CmHn), carbon mo-
noxide (CO), carbon dioxide (CO2), nitrogen oxides
(NOx ) were measured at the engine exhaust. The sample
stream was cooled and dried in a thermostatic sample
conditioner before being analyzed by the flame ionization
detection instruments (FID RS55 used for CmHn), non-
dispersive infrared (NDIR Beryl used for CO and CO2),
and chemiluminescent (Topaze 2020 used for NOx ).

Figure 13 shows CO and NOx emission concentra-
tions measured in the exhaust gas as a function of en-
gine speed for full load for diesel and natural gas fu-
eling. CO emissions were increased for natural gas fu-
eling. This is consistent with the fuel–air ratio results
(figure 4) and explanations for non-optimized pilot tim-
ing, flame quenching and partial burning. It is expected
that the elevated fuel–air ratio for natural gas fueling,
would be accompanied by higher CO emissions. The
chemical composition of NOx used in the present study
is the Total Fixed Nitrogen [41, 51, 53] and is stated
as TFN= [NO] + [NO2] + 2 [N2O]. The NOx emissions
are affected directly by the change of air–fuel ratio. The
natural gas–air mixture leaning with increasing engine
speed, which would induces a slower flame propaga-
tion [4]. NOx concentrations were reduced at high speed
(greater than about 1 500 rpm) for natural gas fueling.
Due to the slow kinetics of NOx formation, the residence

Figure 13. NOx and CO emissions as a function of engine
speed for full loads dual-fuel/diesel.

420



Gas–Diesel (dual-fuel) modeling in diesel engine environment

Figure 14. NOx emissions as a function of speed for full
loads dual-fuel (simulated results, �: thermal NO, ◦: complete
mechanism, +: experimental results).

time of gases inside the cylinder is one of the key para-
meters. As demonstrated by several papers [42, 43, 47–
50, 54], the natural gas reburning technique has a higher
reduction potential compared with other NOx reduction
techniques in lean mixture.

The NOx emission characteristic of the gas engine is
determined by the air–fuel ratio when the ignition timing
is constant. It is widely known that the concentration
of NOx emission reaches a maximum in the vicinity
of the air excess around 10 %, and decreases sharply
in the range of high air–fuel ratio, that is so called
the lean mixture (at the level of high air–fuel ratio
combustion temperature drops and NOx concentration
lowers exponentially). The general trend is increasing
air–fuel ratio with increasing engine speed for natural
gas fueling. However, the problem with lean burn is
cycle-to-cycle fluctuations in ignition and combustion.
Combustion cycle fluctuations lead to torque and engine
speed and reduction in combustion efficiency [12]. The
minimum ignition energy of gas fuel is related to the air–
fuel ratio. The higher air–fuel ratio is, the larger energy
required for ignition. The ignition delay time increases
at high air–fuel ratio, thus in real engine, the potential
combustion period is limited by the engine speed and the
combustion of fuel gas tends to be incomplete [8].

The quench area near the combustion chamber wall
increases as air–fuel ratio goes higher. As a result, it is
supposed that the thermal efficiency will go down and
unburned HC and CO concentrations increase (figure 13).
It is expected that elevated CO concentrations would be
accompanied by higher unburned hydrocarbons (only the
natural gas fueling measured concentration are presented
graphically, figure 17). CO2 emissions were decreased
for natural gas fueling (figure 15). Ignition of lean natural
gas mixtures is difficult to achieve and can result into in-

Figure 15. CO2 emissions as a function of speed for full loads
dual-fuel (×, +: experimental results, �: simulated results).

Figure 16. CO emissions as a function of engine speed for full
load dual-fuel (experimental and simulated results).

complete combustion or total misfire. For ignition to be
successful, the energy release rate in early stages of igni-
tion must be greater than losses from ignition flame ker-
nel. Otherwise, the flame extinguishes prematurely. For
lean mixtures, the energy release per unit volume is less,
because the fuel charge is diluted with excess air. Fig-
ure 14 shows measured and computed concentration of
NOx as a function of engine speed for full load condition.
The computed values are generally overpredicted by the
Zeldovich mechanism. Nevertheless, we observed (fig-
ure 14) better agreement between experimental and com-
puted concentration profiles by the global mechanism.
NO2 is generated as an intermediate species in the nitro-
gen chemistry within the reacting zone, but is destroyed
in the burnout process. As the engine speed decreases,
the reaction rates of the NO2 destruction mechanisms are
slower and a slightly higher residual concentration can be
detected at the exit. Nevertheless, the exit concentrations
are lower than 20 ppm in all tests.

Figure 16 shows measured and computed concentra-
tions of CO as a function of engine speed for full load.
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Figure 17. HC emissions as a function of engine speed for full
load dual-fuel (experimental (�) and simulated (�) results).

The computed values are lower than the measured ones
by 10 % at 1 500 rpm engine speed to 30 % at 1 000 rpm.
Predicted and measured HC emission concentrations in
the exhaust gas as a function of engine speed for full load
for natural gas fueling only, are shown in figure 17. The
trend of the measured and simulated values are similar.
The HC concentrations are decreased with increasing en-
gine speed. The measured values being slightly higher
(about 15 %) than computed values at engine speeds be-
low 1 800 rpm.

9. CONCLUSION

The emission and performance characteristics of
a commercial diesel engine (Deutz FL8 413F) operated
on natural gas with pilot diesel ignition were investigated.
A computer program has been developed to model the ex-
perimental data using a chemical kinetic reaction mech-
anism of the Gas–Diesel (dual-fuel) combustion. A de-
tailed chemical kinetic reaction mechanisms of natural
gas (NG) and NOx were used to predict with reasonable
accuracy the main combustion characteristics (tempera-
ture, pressure and species concentrations) under the con-
ditions of this study. A kinetic analysis was performed
in order to identify the controlling steps of the dual-fuel
combustion. The credibility of this work depends on the
ability of the numerical model to restitute the instanta-
neous fuel conversion rates under all the experimental
engine conditions, not only for predicting the amount of
unburned fuel, but also to predict the species concen-
trations that participate in both process the combustion
and the pollutant reactions. The results of the compari-
son between computed and experimental results appear
in figures 14–17 where we can see that the experimental

data are well reproduced by the chemical kinetic reaction
mechanism of the natural gas–diesel fuel oxidation. The
application of such kinetic models is reasonable when the
object is the prediction of trends. Good agreement be-
tween a model and experiment cannot be considered as
a verification of the validity of the approximate model.
Instead, such good agreement between model and exper-
iment should be regarded as a verification of the utility
of the model for prediction under the same conditions as
used in the experiment.
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